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Abstract

This paper presents a detailed evaluation of two- and three-dimensional numerical models of flow and heat transfer
over louvred fin arrays in compact heat exchangers. Two 3-D models are described, both of which incorporate the effects
of tube surface area and fin resistance on the overall heat transfer rate. Both of these features lead to a lowering of the
predicted heat transfer rate per unit area compared with the 2-D model and, as a result, the 3-D models give predictions
of overall heat transfer in better agreement with experimental observations. All of the models give accurate predictions
of pressure losses, but it is argued that the superior heat transfer predictions of the 3-D models make them much more
useful as design tools than 2-D models, even though they require much greater computing resources © 1998 Published
by Elsevier Science Ltd. All rights reserved.

Nomenclature St overall Stanton number

A, heat transfer area t fin thickness

A. minimum flow area T absolute temperature of air

¢, specific heat at constant pressure T,; air temperature upstream of fin

Dy, hydraulic diameter T,, air temperature downstream of fin

f overall friction factor T; absolute temperature of fin

F, fin pitch T, tube pitch

G mass velocity (=pU) T, tube width

h  specific enthalpy u, v, w velocity components in x, y and z coordinate
h. heat transfer coefficient directions, respectively

k  thermal conductivity U mean velocity through minimum flow area
L fin length x,y,z Cartesian coordinates.

L, louvre plt?h . . Greek symbols

LMTD logarithmic mean temperature difference AT, temperature difference T,— T,

m  mass flow rate AT, temperature difference 7:— T, ,

Nu local Nusselt number i

A second coefficient of viscosity (= —2/3 u)
1 dynamic viscosity of air

0 louvre angle

p air density

o,; Vviscous stress.

p pressure

Q heat flux

R specific gas constant for air

Rep, Reynolds number based on hydraulic diameter
Re;, Reynolds number based on louvre pitch

1. Introduction

Louvred plate fins are frequently used on the air side
* Corresponding author. of automotive radiators and other heat exchangers to
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enhance the overall heat transfer rate. The louvres act to
interrupt the air flow and create a series of thin boundary
layers which have lower thermal resistance than the thick
boundary layers on plain fins. Figure 1 shows a detail of
a typical compact heat exchanger with flat-sided tubes
and louvred plate fins.

Experimental studies aimed at optimising louvred fin
geometries tend to be costly and time-consuming because
of the large number of geometrical parameters involved
(e.g. louvre angle, louvre length, fin length, fin pitch, no.
of louvres—see Fig. 1). Only a few systematic exper-
imental studies have appeared in the literature, the most
comprehensive being those of Davenport [1, 2] and
Achaichia and Cowell [3]. Although a number of auto-
motive companies and heat exchanger manufacturers are
known to have carried out experimental studies of
louvred fin heat exchangers, very little of the experimental
data has been presented in public, presumably because
of the data’s commercial value.

In the mid-1980s some of the first attempts were made

(@)

to create 2-D numerical models of flow and heat transfer
over louvred fin arrays using the techniques of com-
putational fluid dynamics (CFD). At this time 3-D mod-
els were unfeasible because of their excessive computing
requirements. Some of the first workers based their mod-
els on the assumption of zero fin thickness (e.g. Kajino
and Hiramatsu [4]), while others made use of the fact
that the flow eventually becomes periodic, and created
models which compute the flow over only one louvre
[5]. These limitations were due essentially to a lack of
computing power and to a lack of CFD software and
meshing capabilities for computing flows in complex
geometries.

The object of this paper is to present a detailed evalu-
ation of some recent flow and heat transfer computations
for louvred fin arrays obtained with 2- and 3-D numerical
models. The computations were made using a state-of-
the-art CFD package (Star-CD) running on a powerful
computer workstation (S.G.I. R10000 Solid Impact).
Highly versatile mesh generation software was developed
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Fig. 1. Flat-tube and louvred plate fin heat exchanger. (a) Detail of heat exchanger. (b) Plan and side views of louvred fins and
definitions of geometric parameters.
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which was capable of creating numerical meshes for most
fin geometries of practical interest. The meshes had a
block structure with mainly rectangular cells for
maximum numerical accuracy. Two 3-D models were
created, both of which accounted for the effects of tube
surface area and fin resistance on the overall heat transfer
rate. It is shown that both of these features lead to a
significant lowering of the predicted heat transfer rate per
unit area, and are therefore essential components in the
correct modelling of louvred-fin flows. Finally, to evalu-
ate the models, computed values of overall Stanton num-
ber and friction factor were obtained for different Rey-
nolds numbers and fin geometries and compared with
measured values obtained on practical louvred fin heat
exchangers by Achaichia and Cowell [3].

2. Literature review

Experiments on louvred fins can be divided into studies
on actual-size fins and studies on large-scale models. The
former tend to be concerned with the acquisition of
design data such as overall friction factor and Stanton
number, whereas the latter tend to be concerned more
with understanding the detailed flow mechanisms which
lead to heat transfer enhancement. The first person to
conduct an experiment on a large-scale model appears to
be Beauvais [6]. He presents a single photograph of a
smoke trace in a ten-times scale model which clearly
illustrates how the flow is redirected by the louvres. Up
to that time it had been speculated that the louvres simply
acted as roughness elements, with the flow being directed
horizontally over the fin.

Wong and Smith [7] appear to be the first to dem-
onstrate the validity of using large-scale models to simu-
late the flow over actual-size fins. They measured the
overall drag coefficient and Nusselt number for a five-
times scale model and found that the values agreed with
those for an actual-size heat exchanger operating at the
same Reynolds number.

Davenport [1] carried out smoke trace studies on a
ten-times scale model of a non-standard variant of the
corrugated louvred fin (the Z fin) and demonstrated that
the degree of alignment between the flow and the louvres
is a function of Reynolds number. At low Reynolds num-
ber the flow is mainly in the direction of the fin, whereas
at high Reynolds number the flow is almost completely
aligned with the louvres. Davenport conjectured that the
change in alignment was due to the change in boundary
layer thickness on the fin.

Davenport also carried out measurements of overall
friction factor and Stanton number on actual-size louvred
fin heat exchangers (Davenport [1, 2]). He found that
when the friction factor and Stanton number were plotted
against Reynolds number on log-log axes, the data had
roughly constant slope of —1/2, consistent with the idea

of a series of laminar boundary layers. At low Reynolds
number he noticed a flattening of the Stanton number
data, and conjectured that this was due to the change in
flow alignment.

Achaichia and Cowell [3] made a comprehensive study
of the performance characteristics of flat-sided tube and
louvred plate fin heat exchangers. Their performance
data encompass variations in all of the important geo-
metrical parameters, including fin pitch, louvre pitch,
louvre angle and tube pitch. Like Davenport, they found
their data could be correlated more easily when the
Reynolds number was expressed in terms of the louvre
pitch rather than the hydraulic diameter of the air pass-
ages, again consistent with the idea of a series of laminar
boundary layers. Achaichia and Cowell also noticed a
flattening of the Stanton number at low Reynolds number
and, like Davenport, they attributed it to the change in
flow alignment.

The studies of Davenport [1, 2] and Achaichia and
Cowell [3] represent the only major published sources of
flow and heat transfer data on actual-size fins. There are
a far greater number of studies in the literature on large-
scale models aimed at investigating the flow mechanisms.
Kajino and Hiramatsu [4] and Webb and Trauger [§],
for example, use the dye-line flow visualisation technique
to investigate the relationship between the flow alignment
and the geometrical parameters louvre angle, louvre pitch
and fin pitch. The dye-line technique also serves to indi-
cate the conditions under which flow unsteadiness can
occur. The study of Kajino and Hiramatsu [4], for exam-
ple, shows that the flow remains essentially laminar and
steady for Re;, up to about 1000. Antoniou et al. [9]
present hot-wire measurements of mean velocity and
r.m.s. velocity fluctuation in a 16-times scale model, and
again show that the flow remains laminar and steady for
Re;, up to about 1000. For Re;, > 1000, they detected
velocity fluctuations downstream of the first one or two
louvres in each bank, which they attributed to vortex
shedding. Since practical fins usually contain a large num-
ber of louvres (20 or more in the fins studied by Achaichia
and Cowell), these regions of unsteadiness constitute
only a small fraction of the entire flow. Based on these
experimental observations, most workers who have
developed CFD models have tended to assume that the
flow is entirely laminar and steady. For automotive appli-
cations, in which the Reynolds number ranges from
about 200 to 1200, this assumption appears reasonable.

Baldwin et al. [10] and Kajino and Hiramatsu [4] were
amongst the first workers to publish details of a 2-D
numerical model of flow over louvred fins. In both models
a rectangular solution domain was defined around the fin
and the domain was divided into rectangular cells. In the
model of Kajino and Hiramatsu the fin was assumed to
have zero thickness, whereas in the model of Baldwin et
al. the fin had finite thickness and was represented by
defining some cells as solid regions. This gave the surface
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of the louvres the appearance of a series of steps. Both
models were evaluated using the results of studies on
large-scale flow models. Baldwin et al. presented com-
putations for two geometries with one Reynolds number
each, corresponding to the LDA studies of Button et al.
[11] and the hydrogen bubble visualisation studies of
Hiramatsu and Ota [12]. The computations were found
to display the same basic flow phenomena as in the exper-
iments; in particular, it was found that flow alignment
took longer to occur in the second louvre bank than
in the first bank, agreeing with the smoke visualisation
studies of Davenport [1]. Kajino and Hiramatsu [4]
presented computed results for one geometry and one
Reynolds number. They found that their computed
streamlines agreed closely with the results of their own
dye-line visualisation studies, and that their computed
velocity profiles agreed well with their own velocity pro-
files deduced from hydrogen bubble studies. Kajino and
Hiramatsu calculated the overall Nusselt number for the
fin, but in neither of the two studies were computed values
of overall pressure loss and heat transfer compared with
measurements.

Achiachia and Cowell [5] computed the flow over a
single zero-thickness louvre by employing a rectangular
flow domain with uniform rectangular cells and with
boundary conditions appropriate to periodic flow. They
found that the degree of flow alignment increased with
Reynolds number as observed in the experiments of Dav-
enport [1], and they again attributed this to the change
in boundary layer thickness. The authors carried out
computations for a range of different geometrical par-
ameter values and Reynolds numbers. As in the exper-
iments of Kajino and Hiramatsu [4] and Webb and Trau-
ger [8], for example, they found that the degree of flow
alignment at a given Reynolds number increased as the
fin-to-louvre pitch ratio was reduced. Achiachia and
Cowell [5] did not compute the heat transfer from the
fin, and although they presented computations of overall
friction factor for the louvre, they did not compare these
with any measured values.

Suga et al. [13] and Suga and Aoki [14] used a rec-
tangular flow domain filled with overlapping Cartesian
meshes to compute the flow and heat transfer over a
finite-thickness fin. The Cartesian meshes were arranged
so that mesh lines coincided with the fin surface. In the
overlap regions values of variables were transferred from
one mesh to another by bilinear interpolation. Suga et al.
[13] compared computed velocity profiles for one
geometry and Reynolds number with LDA measure-
ments in a ten-times scale model and found reasonably
close agreement. Also, for two Reynolds numbers, they
compared values of Nusselt number averaged over each
louvre with measurements for an actual-size fin obtained
by uniformly heating each louvre using a nickel-film tech-
nique. In this case very close agreement was found. Suga
and Aoki [14] carried out a computational study of the

effect of louvre angle, fin pitch and fin thickness on overall
heat transfer performance and pressure drop. Amongst
their findings, they observed that the overall Nusselt
number reaches a peak when the thermal wake down-
stream of each louvre passes down the middle of the gap
between the louvres downstream, presumably because
this maintains the greatest temperature difference
between the air and the louvres. The authors presented
values of overall Nusselt number and pressure drop for
a wide range of parameter values and Reynolds numbers,
but, as in other studies, they did not compare these with
any measurements on practical heat exchangers.

In the 1990s several workers developed CFD codes
based on non-orthogonal, boundary-fitted meshes to
compute the flow over louvred fins [15, 16]. Other
workers used non-orthogonal meshes in conjunction with
commercial CFD codes [17, 18]. Hiramatsu et al. [15] for
example, used a block-structured mesh with individual
blocks for each louvre, whereas Achaichia et al. [17] used
a novel mesh structure with mesh lines running parallel
to the louvres and extending over several fins. Hiramatsu
et al. [15] compared computed values of overall Nusselt
number for one geometry and several Reynolds numbers
with measurements for a uniformly heated fin by Shi-
nagawa et al. [19] and found close agreement. They also
compared values of computed and measured overall fric-
tion coefficient, but in this case found only reasonable
agreement. Ikuta et al. [16] compared computed and
measured values of overall heat transfer and pressure
loss for different inlet louvre designs and found good
agreement. Achaichia et al. [17] investigated the variation
in flow alignment with Reynolds number using the ‘mean
flow angle’ o defined by Achaichia and Cowell [5] as a
measure of the local degree of alignment. They found
that the maximum value reached by o was always less
than the louvre angle, but approached it at high Reynolds
number. Finally, Ha et al. [18] computed the overall
Nusselt number and friction factor for a limited number
of louvre angle, fin pitch and Reynolds number values.
They found that the Nusselt number and friction factor
both increased when the louvre angle was increased or
the fin pitch was reduced, but they did not attempt to
compare their data with any measured values.

It can be seen that the many experiments on louvred
fins over the last two or three decades have yielded valu-
able insight into the flow and heat transfer characteristics
of these surfaces. The experiments on large-scale models,
in particular, have shed much light on the relationship
between the flow characteristics and the values of geo-
metrical parameters. In developing 2-D CFD models,
workers have been quick to take advantage of increases
in computing power and, in some cases, the availability
of commercial CFD software. With improvements in
computer hardware, in particular, it has been possible to
overcome restrictions on solution domain size and to
develop advanced meshing arrangements giving
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increased numerical accuracy. Most workers have carried
out some testing of their models based on measured flow
and heat transfer data. However, there appears to have
been a tendency to employ data collected on large-scale
models having essentially 2-D flow characteristics. In
fact, there appears to have been very little testing based
on overall performance data collected on practical heat
exchangers. Consequently, most models have been tested
in the absence of effects due to tube surface area and fin
resistance. As the present paper indicates, these
additional features can have a major effect on overall
heat transfer parameters, with the implication that 2-D
models may be inadequate for computing the heat trans-
fer performance of practical louvred-fin heat exchangers.
On the other hand, it should be said that it has only
recently become possible to create 3-D models, including
the effects of fin resistance, because of recent increases in
computing power and the availability of commercial
CFD codes capable of computing heat transfer in solid
as well as fluid regions.

3. Computational models
3.1. Conservation equations

The flow over the louvres is assumed to be laminar and
steady. In the 3-D models, variations in flow properties
along all three coordinate directions are assumed to be
significant. The equations representing the conservation
of mass, momentum and energy (enthalpy) for the three-
dimensional models are therefore as follows:

Mass

pu | opv | Opw _
ox 9y @ 0z

u-momentum

0:

opu>  Opuv  Opuw dp do, do, 0o,
0x dy 0z ox  Ox dy oz’
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- - +—=,

Ox Jdy 0z dy  Ox Jdy 0z
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where the dissipation term @ is given by
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In the 2-D model, the w component of momentum and

variations in flow properties along the spanwise (z) coor-

dinate direction are assumed to be zero. The conservation

equations for the 2-D model are not presented here, but

are obtained simply by omitting the w momentum equa-

tion from the preceding set of equations and deleting all

terms involving w or derivatives with respect to z from
the other equations in the set.

To form a closed set of equations, additional relations
are required linking the thermodynamic and transport
properties of the air (pressure, density, temperature,
enthalpy and viscosity). Since the air can be assumed to
be an ideal gas, we can make use of the ideal gas law:

P _ R,
o
In addition, for an ideal gas, the enthalpy is a function
only of the temperature, and the two properties are
related by
dh = ¢, (T)dT.
The change in air temperature over the fin is small, so c,
can be assumed constant and evaluated at the mean air
temperature (T,;+ 7,,)/2.

The viscosity of the air is also a function only of the
temperature, and is obtained from Sutherland’s law:

32

T+110

u=145x10"° kgm™'s™!

3.2. Solution algorithm

The preceding set of equations was solved using the
commercial finite-volume computer program Star-CD.
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The program solves the equations for mass, momentum
and energy conservation using standard finite-volume
techniques [20]. This involves subdividing the region in
which the flow is to be solved into individual cells or
control volumes so that the equations can be integrated
numerically on a cell-by-cell basis to produce discrete
algebraic (finite-volume) equations. The program offers
a range of numerical schemes with which to approximate
the convection terms in the equations, e.g. central dif-
ferencing, linear upwind differencing, self-filtered central
differencing (SFCD) [21, 22]. The SFCD scheme was
used for all of the equations as this appeared to give
the best compromise between numerical accuracy and
stability of the solution algorithm. Several algorithms for
calculating the pressure field are available in the program
(SIMPLE, PISO, SIMPISO, see e.g. [23]). For these
steady-state computations, the SIMPLE algorithm was
found to give the shortest computer running times and
was used in all of the calculations.

3.3. Numerical meshes

To create the numerical meshes, two Fortran computer
programs were written, one for the 2-D model and the
other for the 3-D models. The programs read in the
geometric parameters of the fin and created a file con-
taining the coordinates of the corners of all of the cells
which made up the mesh. This file could be read by the
Star-CD pre-processor, prostar, which assembled and
displayed the mesh.

In all of the models the mesh was constructed around
only one fin, since the fin was assumed to be an element
of an array. The flow along the top and bottom surfaces
of the mesh was assumed to be cyclic. In the version of
Star-CD used, cyclic conditions could only be applied to
pairs of boundaries having identical mesh structures. The
Fortran programs were therefore written to meet this
requirement.

All of the models had the same mesh structure in the
x—y plane (perpendicular to the fin surface). In fact, a
large part of the creation of the mesh for the 3-D models
consisted of simply duplicating the basic 2-D mesh and
stacking the individual meshes to form a 3-D structure.
The creation of the mesh for the 2-D model will therefore
be considered first.

3.3.1. Two-dimensional model

The basic 2-D mesh had a block structure, with three
different types of block corresponding to the inlet section
of the fin, the individual louvres, and the turn-around
section (see Fig. 2). To create the mesh, each block was
first subdivided into smaller blocks which were then sub-
divided into individual quadrilateral cells. Once the mesh
for the first half of the fin had been constructed, the
second half, which was just a mirror image of the first,

was constructed by simply duplicating the first half and
rotating the duplicate mesh through 180°.

This type of mesh structure, consisting of a set of blocks
divided into quadrilateral cells, has several important
advantages:

o the block structure means that it is quick and easy to
create meshes for fins containing many louvres;

e the mesh around each louvre is the same (apart from
the louvres contained in the inlet/outlet and turn-
around blocks), making it easy to compare the flow
and heat transfer over one louvre with that of another;

e mesh lines are normal to the louvres, making it easy to

extract boundary layer profiles and calculate integral

parameters;

nearly all of the mesh cells are square, giving maximum

numerical accuracy.

With the Fortran computer program it was possible to
create meshes for most fin geometries of practical interest.
Figure 3 shows the mesh structure around the inlet/outlet
section, the individual louvres, and the turn-around sec-
tion of a practical fin geometry.

The cells in the 2-D mesh were approximately uniform
in size. In the computations, two cell sizes were used, one
roughly equal to the fin thickness (r = 0.05 mm), and the
other roughly equal to half the fin thickness. The effect
on the flow solutions of refining the mesh will be discussed
in Section 5. The total number of mesh cells used
depended on the values of the geometric parameters, but
was typically 35000 for coarse-mesh computations and
135000 for fine-mesh computations.

3.3.2. Three-dimensional models

Most of the 3-D computations were carried out using
a basic 3-D model which incorporated the effects of heat
transfer from the tube surfaces, but neglected the tube
width and therefore flow accelerations and decelerations
around the tubes. A limited number of computations
were carried out using a slightly more realistic model
in which the tube width was represented. However, to
simplify the meshing process, the rounded corners of the
tubes were modelled (somewhat crudely) by 90° corners
(Fig. 4). In both models the louvres were assumed to
extend the whole width of the flow passage between the
tubes, thus ignoring the thin strip of unlouvred material
which in practice exists between the tubes and the ends
of the louvres. Manufacturers generally aim to make this
unlouvred area as small as possible, and, as discussed in
Section 5, the effect on the computations of ignoring it is
not likely to be significant, except possibly for geometries
with small tube pitch where the unlouvred area is pro-
portionally greater.

To create the mesh for the simpler 3-D model (model
A), it was necessary only to duplicate the 2-D mesh sev-
eral times and to stack the duplicate meshes. The width
of the mesh was arranged to be equal to half of the width
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INLET BLOCK

LOUVRE BLOCK

//=

TURN-AROUND BLOCK

Fig. 2. Block structure of the 2-D mesh.

(a)

(b)

Fig. 3. Typical mesh for the 2-D model; F, = 2.054 mm, L, =
1.4 mm, 0 = 25.5°, ¢t = 0.05 mm. (a) Inlet section. (b) Individual
louvres. (¢) Turn-around section.

of the passage between the tubes, i.e. (T,—T,)/2, where
T, is the tube pitch and T, is the tube width. One side of
the mesh was defined to be a symmetry plane and the
side opposite was divided into symmetry planes and solid
regions, as shown in Fig. 4. The width of the solid regions
was equal to the distance between the farthest upstream
and downstream points on the outer surfaces of the tubes.

In the computations, one value of tube width, equal to
2 mm, and two values of tube pitch, equal to 8 and 14
mm, were considered. In each case, the width of the cell

layer adjacent to the tube wall was set equal to the fin
thickness (0.05 mm), and the remaining cell layers
expanded in width towards the symmetry plane. The
expansion factor was arranged to be no greater than 1.2,
giving a total of 15 cell layers for the tube pitch 8§ mm
and 19 cell layers for the tube pitch 14 mm.

The mesh for the more realistic model (model B) was
developed from the mesh for model A. The three surfaces
defined as symmetry planes on one side of model A were
displaced sideways into the centreplane of the tubes, and
the spaces in between were filled by duplicating and stack-
ing the adjacent mesh structure. The spacing between the
cell layers was arranged to expand uniformly to the cen-
treplane. With the number of cell layers set to 9, the expan-
sion factor was almost exactly 1.2. As in the 2-D model,
the total number of mesh cells depended on the values of
the geometric parameters. For the computations with tube
pitch 8 mm the total number of cells was around 500 000
for model A and 560000 for model B.

3.4. Boundary conditions

Boundary conditions were required for u, v and 7T in
the 2- and 3-D models, and also for w in the 3-D models.
At the inlet plane all of the properties were assumed to
be constant, with v (and w in the 3-D models) being
set to zero and T being set to the ambient atmospheric
temperature.

On the fin and tube surfaces, no-slip (i.e. zero velocity)
conditions were assumed to exist. In the 2-D model the
temperature of the fin was assumed to be constant and to
be about 70°C above the atmospheric temperature. This
corresponded to the difference in air and water-side tem-
peratures in the experiments by Achaichia and Cowell [3].

In the 3-D models the temperature of the tube surface
was assumed to be 70°C above the atmospheric tem-
perature. The Star-CD program has the facility to com-
pute the temperature distribution within both solid and
fluid regions, and in the 3-D models this facility was used
to compute the variation in temperature in the fin with
distance from the tube surface. The fall in temperature
across the fin was found to be significant under certain
flow conditions, and to lead to significantly better agree-
ment between the predicted and experimentally deter-
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(@)

Inlet
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(b)

Inlet
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plane

Symmetry
plane

Fig. 4. Solution domains for the 3-D models. (a) Model A. (b) Model B.

mined heat transfer performance. The effect of the fin
temperature calculation on the flow solutions is discussed
in more detail in Section 5, but it may be stated here that
this facility appears to be an essential component in the
correct modelling of louvred-fin flows.

4. Determination of performance parameters

The pressure drop and heat transfer performance of
the louvred fin for a given set of geometric and flow
conditions can be characterised by a friction factor and
a Stanton number, respectively. The flow conditions
themselves can be characterised by a Reynolds number,

while the geometric conditions can be characterised in
terms of dimensionless parameters such as fin-to-louvre
pitch ratio and louvre angle.

Following the conventions laid down by Kays and
London [24], the friction factor and Stanton number are
defined in terms of the heat transfer area 4,, the minimum
flow area A, and the mean velocity through the minimum
flow area U, as follows:

= Ap St o h
TopUt 4, pUG,
2 A,

The heat transfer coefficient /. appearing in the Stanton
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MAGNITUDE VELOCITY

(a) LOCAL MX= 2.279
LOCAL MN= 0.0000E+00

TEMPERATURE
ABSOLUTE

(b) KELVIN
LOCAL MX= 358.0
LOCAL MN= 288.0

MAGNITUDE VELOCITY
S

(C) LOCAL MX= 28.88
LOCAL MN= 0.0000E+00

2888
26.82

TEMPERATURE
ABSOLUTE

KELVIN
(d) LOCAL MX= 358.0

LOCAL MN= 288.0

358.0
853.0

Fig. 5. Computed velocity and temperature fields for the 2-D model; F, = 2.054 mm, L, = 1.4 mm, 0 = 25.5°, f = 0.05 mm. (a) Velocity,
Rey,, = 100. (b) Temperature, Re;, = 100. (c) Velocity, Re;,, = 1600. (d) Temperature, Re;,, = 1600.
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number is defined in terms of the heat flux Q and the
logarithmic mean temperature difference LM TD:

__ 9  ryrmp- AT-AT
AJLMTD’ In(AT,/AT))"

The heat flux Q is given by

Q = rncp(Ta.o - Ta.i) = .DUAcCp(]vaAo - Td‘i)‘

he

Hence

Ac (71340 - 71”)
he=pUco 1 viD
and

St _ hc _ Ac (Ta,o - Ta,i)
“pUc, A, LMTD

By convention the Reynolds number is defined in terms
of the hydraulic diameter D,:

UD
ReDh = p h .
U

However, Achaichia and Cowell [3] found that cor-
relating their friction factor and Stanton number data
with Reynolds number was made easier if the Reynolds
number was defined in terms of the louvre pitch L, i.e.

UL
Re;, = p L.
u

In the 2-D model the area ratio A4.,/A4, becomes
(F,—1)/2L, where L is the fin length, F, is the fin pitch,
and ¢ is the fin thickness. The friction factor and Stanton
number are then defined by

_ Ap(Fpit) _ (Fpil) (’Ta,n*Td,i)

St =
pU’L ’ 2L LMTD

The flow field around the louvred fins is only affected
by the heat transfer via the latter’s effect on fluid proper-
ties. For the temperature range in automotive heat
exchangers this effect is small and the flow field is almost
independent of the heat transfer. In fact, in their exper-
iments, Achaichia and Cowell [3] followed conventional
practice and obtained their friction factor results from
separate experiments on isothermal air flows. Thus to
evaluate the numerical models it was necessary to carry
out two sets of computations, one for isothermal flow,
and the other for variable temperature flow. As a conse-
quence, the pressure drop predictions (and the degree to
which they agree with experiments) are entirely inde-
pendent of the heat transfer predictions.

5. Results of computations
5.1. Two-dimensional model
5.1.1. Flow and heat transfer characteristics

Before an evaluation of the 2-D model is carried out,
an examination of computed results for a typical fin

geometry will be made in order to gain insight into the
flow and heat transfer characteristics of the fin and the
influence of the Reynolds number. The geometry chosen
for this study was the first to be tested by Achaichia and
Cowell [3] and had a fin pitch of 2.054 mm, louvre pitch
of 1.4 mm, louvre angle of 25.5° fin thickness of 0.05
mm and tube pitch of 11 mm. As mentioned in Section
3, computations with the 2-D model were carried out for
two different meshes, one a ‘coarse’ mesh with cell sizes
roughly equal to the fin thickness, and the other a ‘fine’
mesh with cell sizes roughly equal to half the fin thickness.
The following illustrative results are for the coarse mesh,
but are almost identical to those for the fine mesh.

Figure 5 shows the computed velocity and temperature
fields around the fin for two different Reynolds numbers,
100 and 1600. At a Reynolds number of 100 (Figs. 5a
and 5b), much of the air flows through the channels
between the fins rather than through the louvres, as indi-
cated by the presence of high-velocity streaks in the chan-
nels. The thick boundary layers on the louvres serve to
block the louvre passages and prevent the flow of air.
The temperature of the air can be seen to reach the fin
temperature before the air leaves the fin, so the heat
transfer performance of the fin is poor. In fact, the second
half of the fin simply causes a pressure loss without pro-
ducing any heat transfer. At a Reynolds number of 1600
(Figs. 5c and 5d) the louvre boundary layers are much
thinner, and so the air is diverted through the louvre
passages. A temperature difference is maintained between
the air and the fin, and so every part of the fin contributes
to the heat transfer.

A very effective way to illustrate the change in flow
characteristics with Reynolds number is to plot the paths
of individual fluid particles. Figure 6 presents these par-
ticle paths for three different Reynolds numbers, 10, 100
and 1600. In each case, ten particles are considered orig-
inating from uniformly spaced locations across the inlet
plane. At a Reynolds number of 10, each louvre deflects
only one particle, and so all ten particles are deflected
only after the tenth louvre. It is also interesting to note
how each particle is forced into the centre of the louvre
passage by the boundary layer growth. At a Reynolds
number of 100, two or three particles are deflected by
each louvre, and finally, at a Reynolds number of 1600,
all of the particles are deflected by the first two or three
louvres. If the flow is parallel to the louvres then it is
possible to predict the maximum vertical distance each
particle will travel, given the louvre angle and the length
of each louvre bank. For the fin chosen, these parameters
are 25.5° and 15.4 mm, respectively. The maximum ver-
tical distance will therefore be about 7.3 mm (or approxi-
mately 3% fin pitches for the fin chosen), and this is
roughly the case in Fig. 6¢c.

5.1.2. Overall friction factor and Stanton number
The overall friction factor and Stanton number were
determined for the fin geometry used in the preceding



4074 K.N. Atkinson et al./Int. J. Heat Mass Transfer 41 (1998) 4063—4080

—— s

B e PPt bSO NSNS S
——— SO OO NN

Fig. 6. Particle paths for a louvred fin. (a) Re;, = 10. (b) Re;, = 100. (c) Re;, = 1600.

computations, using the equations given in Section 4
for the limiting case of two-dimensional flow. Numerical
computations were made for Reynolds numbers from
100 to 3200, and therefore over a somewhat greater range
than is typical of automotive heat exchangers
(Rey, = 200 to 1200). In Fig. 7a, the friction factor and
Stanton number for both the coarse and fine mesh solu-
tions are plotted against Reynolds number, along with
the experimentally determined values of Achaichia and
Cowell [3]. The coarse and fine mesh results can be seen
to be very similar, except for a slight lowering of the
Stanton number with mesh refinement at high Reynolds
number. The computed results appear to be relatively
insensitive to mesh refinement, given that a two-fold
reduction in the cell size was carried out. Since the SFCD
scheme used in the computations is approximately
second-order accurate, any further changes with mesh
refinement can be expected to be small. It therefore seems
reasonable to suppose that the computed results (at least
for the fine mesh) are close to being mesh independent.
From Fig. 7a it can be seen that the computed friction
factor and Stanton number follow very similar trends
to the measurements. The measured friction factor and
Stanton number have roughly constant slope for
Reynolds numbers greater than 200, when plotted on log—

log axes, and this trend is also reflected in the calculations,
with the computed slope being almost exactly the same
as in the measurements. However, it is clear from Fig. 7a
that there is a significant offset between the computed
and measured Stanton number. This offset is uniform
and represents a 70% overprediction of the Stanton num-
ber, and hence the heat transfer rate. Also evident is the
fact that no computed Stanton number data are plotted
for a Reynolds number of less than 200, even though the
measured data (and the computed friction factor data)
continue down to a Reynolds number of 100. Both the
offset in the Stanton number and the absence of com-
puted Stanton number data at low Reynolds numbers
are essentially due to the fact that the heat transfer rate
is overpredicted. This overprediction causes the air tem-
perature to reach the fin temperature at low Reynolds
number, as seen in Fig. 5b, which in turn causes AT, to
become zero and the LM TD to become indeterminate.
Computations were not made for Reynolds numbers
below 100, but it can be seen from Fig. 7a that the slope
of the measured friction factor data increases significantly
for lower Reynolds numbers. Achaichia and Cowell [3]
attribute this increase in slope to the change in flow
alignment at low Reynolds number. Consequently, the
slope of the friction factor data ceases to be consistent
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Fig. 7. Computed and measured friction factor and Stanton number. Computations are for the 2-D model. Friction factor: A,
computed, coarse mesh; [], computed, fine mesh; ¢, measured. Stanton number: A, computed, coarse mesh; ll, computed, fine mesh;
@, measured. Data are shown for L, = 1.4 mm, 7, = 11 mm, ¢ = 0.05 mm and (a) F, = 2.05 mm, 0 = 25.5% (b) 2.04 mm, 28.5%;

(¢) 2.09 mm, 21.5°% (d) 1.64 mm, 25.5°.

with a series of laminar boundary layers and approaches
a value more consistent with laminar flow in a rectangular
channel.

Further computations were made for some of the other
fin geometries investigated by Achaichia and Cowell [3].
The geometries chosen for these computations encom-
passed a wide variety of individual geometric parameter
values, and comparisons of computed and measured fric-
tion factor and Stanton number for some for the
geometries are shown in Figs. 7b—d. In all cases the

model’s performance in terms of friction factor and Stan-
ton number does not appear to be very different from its
performance for the first geometry (Fig. 7a). The friction
factor is computed reasonably well for all of the
geometries, but the Stanton number is always sig-
nificantly overpredicted, although, as with the first
geometry, the slope of the computed Stanton number
data agrees well with the measured slope. The size of the
offset was found to vary from one geometry to another,
and to reach as high as 100% for some geometries.
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5.1.3. Local Nusselt number

Experimental values of local Nusselt number for a
louvred fin geometry were obtained by Antoniou [25].
The experiments were carried out on a scale model
roughly four times the size of a practical louvred fin,
and the Nusselt number values were deduced from mass
transfer measurements involving the sublimation of
naphthalene. Realistic Reynolds number values of 550,
1000 and 2000 were achieved by reducing the air velocity
to a quarter of practical values. Computations were made
for all three Reynolds numbers, and comparisons of com-
puted and measured local Nusselt number values for a
Reynolds number of 550 are shown in Fig. 8. The trends
in the computations and measurements can be seen to be
very similar, with the Nusselt number falling rapidly over
each louvre before rising slightly at the end of each louvre.
The rise in Nusselt number is due to flow impingement
and local flow acceleration as the air enters the gap
between louvres. The computed and measured values can
be seen to differ on the downstream part of each louvre,
but quantitative agreement is not expected given the con-
siderable difficulties involved in determining the local
heat transfer from mass transfer measurements [25].

Overall, it can be seen that the 2-D model yields reason-
ably accurate predictions of friction factor, but poor pre-

100

dictions of Stanton number, with the latter parameter
being significantly overpredicted. The computed Stanton
number values clearly depend on the predicted heat trans-
fer rate, and the errors in these quantities can be attri-
buted to the overprediction of the heat transfer rate, or
more precisely, the heat transfer rate per unit area, Q/4,.
An obvious way to identify the sources of error in the
heat transfer is to consider the practical features which
are missing from the 2-D model. Two important features
which are missing are the tube surfaces and the fin resist-
ance. The tube surfaces would add to the heat transfer
area A,, but would not add significantly to the overall
heat transfer rate Q because of the thick boundary layer
growth on the tubes. The fin resistance would lower the
temperature across the fin, and thus the heat transfer
from the fin. It is these factors which led to the devel-
opment of the 3-D models.

5.2. Three-dimensional models—model A

5.2.1. Flow and heat transfer characteristics

To evaluate model A, further use was made of the
experimental data of Achaichia and Cowell [3]. Two fin
geometries were selected which were identical apart from
the tube spacing, which was 8 mm for one geometry and

Local Nusselt number
8

19.8 39.6

100

Local Nusselt number

Distance along bottom surface of fin (mm)

Fig. 8. Computed and measured local Nusselt number (Nu = h.L,/k); Rey, =550, AT =70 K, F,=2.375 mm, L, =14 mm,

t = 0.125 mm; —, computed; @, measured.
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(2)

14 mm for the other. The other dimensions were: fin pitch
2.17 mm, louvre pitch 1.1 mm, louvre angle 22°, and
fin thickness 0.05 mm. Computations were made for
Reynolds numbers between 100 and 1600.

The velocity and temperature distributions away from
the tube walls were found to be very similar to those in
the 2-D computations and to vary in the same way with
Reynolds number. The velocity field was essentially two-
dimensional, except in the boundary layers growing on
the tube walls. The thickness of these boundary layers
was found to be uneven because of the presence of the
louvres, but to be essentially independent of the tube
spacing, and to decrease with Reynolds number, as
expected. From the computed velocity field, the thickness
of the velocity boundary layer was determined at the
downstream edge of the solid surface representing the
second (downstream) tube. The thickness was found to
decrease from about 0.9 mm at a Reynolds number of
100 to about 0.5 mm at a Reynolds number of 1600. The
contributions to the total heat transfer from the tubes
and the fin were determined for each Reynolds number,
and these values were used to determine the reduction in
Q/A, due to the presence of the tube surfaces. These
reductions varied from 14 to 13% with increasing
Reynolds number for the geometry with tube pitch 8 mm,
and from 8 to 6% for the geometry with tube pitch
14 mm.

5.2.2. Fin temperature variation

The temperature of the fin was found to decrease with
distance from the tubes because of the fin resistance,
and by an amount which increased significantly with
Reynolds number. In Fig. 9 the variation in fin tem-
perature is plotted for two locations along the fin cor-
responding to the middle of the two tubes. The tem-
perature falls more at the upstream location because the
air temperature is lower, and as would be expected, the
temperature in the middle of the fin falls further as the
tube spacing is increased. The rapid fall in temperature
at high Reynolds number can be attributed to the higher
heat transfer coefficient on the fin surface.

5.2.3. OQverall friction factor and Stanton number

In Fig. 10 computed and measured values of friction
factor and Stanton number for the two fins are presented.
Computed values for both the 2-D model and the 3-D
model are included to indicate the improvement made by
the 3-D model. Also shown, for a Reynolds number of
400, is the computed Stanton number when the fin tem-
perature is assumed to be uniform (i.e. the fin resistance
is assumed to be zero). This latter value serves to indicate
the improvement in Stanton number due to the inclusion
of the fin resistance.

It can be seen that the 3-D model produces even closer
agreement between computed and measured friction
factor, particularly for the tube pitch of 8 mm. The results
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Fig. 9. Computed temperature variation across the fin; F, = 2.17
mm, L, = 1.1 mm, 0 =22° ¢ = 0.05 mm. Middle of upstream
tube: A, Re;, = 100; [, 400; <, 1600; middle of downstream
tube; A, Re;, = 100; W, 400; &, 1600. (a) 7, =8 mm. (b)
T, = 14 mm.

for the 2-D model are independent of the tube spacing,
and the differences between computation and measure-
ment for the lower tube pitch are more pronounced
because of the influence of the tube spacing. It is note-
worthy that the 3-D model produces a greater change in
friction factor at the lower tube pitch as required to
achieve agreement.
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Fig. 10. Computed and measured friction factor and Stanton
number. Friction factor: A, computed, 2-D model; [,
computed, 3-D model A; <, measured. Stanton number: A,
computed, 2-D model, W, computed, 3-D model A; X,
computed, 3-D model A with uniform fin temperature; ¢,
measured. F, = 2.17 mm, L, = 1.1 mm, 0 = 22°, ¢ = 0.05 mm.
(a) T, = 8 mm. (b) T, = 14 mm.

The use of the 3-D model can be seen to bring about a
considerable reduction in the offset in Stanton number.
For the tube pitch of 14 mm the offset is practically
reduced to zero, while for the tube pitch of 8§ mm it is
reduced from a value representing a 90% error to a value
representing a 25% error. One possible reason for the
remaining error is lack of mesh refinement. The cell sizes
in the x-y plane of the 3-D mesh were the same as those
in the 2-D coarse mesh, and Fig. 7a shows that refining
the mesh in the x-y plane can produce a further significant
reduction in the offset (around 15%). Another possible
reason is that the model ignores the thin strips of un-

louvred material adjacent to the tubes. It is possible that
ignoring these strips might cause the heat transfer to be
overpredicted in rough proportion to the width of the
strips. According to Achaichia and Cowell [3] the strips
were about 1/4 mm in width. For the tube pitch of 8 mm
they accounted for about 8% of the width of the flow
passage (leading to a possible 8% overprediction of the
Stanton number), and for the tube pitch of 14 mm, about
4%. Achaichia and Cowell estimated that the uncer-
tainties in their Stanton number and friction factor data
were about 6.5 and 15%, respectively, at the lower end
of the Reynolds number range in Fig. 10, and about 3.5
and 5%, respectively, at the upper end of the range.

From Fig. 10, it can be seen that the inclusion of
the fin resistance makes a significant contribution to the
improvement in the computed Stanton number. For the
tube pitch of 8 mm the contribution is 27%, and for the
tube pitch of 14 mm it is 65%. These results are consistent
with the lower overall fin temperature for the wider tube
pitch (Fig. 9), and serve to emphasise the importance
of modelling the fin resistance, especially for heat
exchangers with wide tube spacing.

5.3. Three-dimensional models—model B

Model B was applied to a single fin geometry, this
being the geometry with tube pitch 8 mm used to evaluate
model A. Computations were carried out for Reynolds
numbers of 100, 400 and 1600, but it was found that
converged solutions could only be obtained for the
Reynolds numbers 100 and 400. The computed Stanton
number values for the two Reynolds numbers were found
to be very close to those for model A (within 4%), and
this was thought to be due to the fact that the inclusion
of the tube width does not affect Q/4, significantly. The
computed friction factor values were found to be some-
what higher than those for model A (by 11% at
Re;, =400) and therefore in poorer agreement with
measurements. However, it is thought that much of the
increase was due to the rather crude modelling of the
tube corners, and in fact ignoring the tube width, as in
model A, leads to a more accurate estimation of the
pressure loss.

An examination of the velocity field around the tubes
revealed regions of separated flow at the corners of the
tubes. It was thought that the lack of convergence at
Reynolds number 1600 was due essentially to the fact
that these separation regions become unsteady at high
Reynolds number. Solving steady-flow equations is there-
fore no longer appropriate. It is possible that convergence
could have been achieved if the rounded corners of the
tubes had been accurately represented, but the results for
friction factor and Stanton number would appear to call
into question the value of modelling these corners at all.

In summary, it can be seen that the 3-D models give
significantly better predictions of performance par-
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ameters than the 2-D model, and that predictions of the
Stanton number in particular are substantially better with
the 3-D models. For the geometry with tube pitch 8
mm, differences were still present between computed and
measured Stanton number. Two possible sources of error
in the computations were identified. Lack of mesh
refinement was thought to be a significant source of error,
and the fact that the unlouvred area of the fin was ignored
may also have been significant, since this area accounts
for a greater proportion of the fin area for geometries
with small tube pitch.

6. Conclusions

In this paper 2- and 3-D numerical models have been
described for computing the flow and heat transfer over
louvred fin arrays in compact heat exchangers. Two 3-D
models were presented, both of which incorporated the
tube surface area and the fin resistance, and one of which
incorporated the tube width. The models were evaluated
using the measurements of overall Stanton number and
friction factor for louvred fin heat exchangers by
Achaichia and Cowell [3].

It was found that the tube surface area and fin resist-
ance in the 3-D models led to a considerable lowering of
the predicted heat transfer rate per unit area (Q/A4,), and
as a result the 3-D models gave much more accurate
predictions of overall Stanton number than the 2-D
model. All of the models gave satisfactory predictions of
overall friction factor, although it was noted that for one
fin geometry with small tube pitch the 3-D models gave
significantly better predictions than the 2-D model. The
effect on the Stanton number of modelling the tube width
was negligible, and this finding was thought to be due to
the fact that the inclusion of the tube width does not
affect Q/A4, significantly. It was found that the inclusion
of the tube width led to slightly poorer predictions of
the friction factor, contrary to expectations, but it was
thought that the slightly poorer results could be at-
tributed to the rather crude way in which the tube corners
were modelled. For the fin geometry with small tube pitch
it was found that significant differences were still present
between computed and measured Stanton number even
when the 3-D models were used. Apart from measure-
ment uncertainties, two possible sources of error were
identified. These were lack of mesh refinement and the
fact that in the computations no account was taken of
the unlouvred area of the fin adjacent to the tubes.

The computing resources required by the 3-D models
were considerably greater than those of the 2-D model,
with run times for the 3-D models being typically ten
times those of the 2-D model (about 20 hours on the
Silicon Graphics computer). Nevertheless, it is argued
that the superior heat transfer predictions of the 3-D

models makes them much more useful as design tools
than the 2-D model. In any case, if the recent rapid
increases in computing power continue, there is every
likelihood that the run times of the 3-D models will,
within the very near future, match those of 2-D models
on today’s computers.
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